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ABSTRACT 
An experimental study has been perfi)rmed on an evaporator-condenser 
system for humidity control using a constant speed compressor and fixed air volume. 
The evaporator-condenser system requires an addition of a reheat coil to the 
conventional unit. The reheat coil serves to reheat the cooled air leaving the cooling 
coils, thereby controlling the relative humidity. Preliminary simulations using the 
software Vapcyc and CoilDesigner show an improvement in the cooling performance 
and also an improvement in the dehumidification capability of the air conditioning 
system. Thereafter, an experimental study was performed using a modified 
commercial ceiling concealed air conditioning unit. Results from the experiments 
show that the dehumidification capability in terms of absolute humidity and relative 
humidity had improved, while the cooling performance had declined. Vapcyc and 
Coi!Designer are not suitable to simulate evaporator-condenser systems as they were 
only originally designed for conventional cooling systems. A comparison between the 
evaporator-condenser, desiccant wheel and loop heat pipe systems has been shown. 
While all systems are able to enhance moisture removal, the evaporator-condenser 
system is advantageous in simplicity, floor space and method of controlling the 
moisture removal rate. The concomitant benefits are a more comfortable environment, 
better productivity and more healthy conditions. 
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ABSTRAK 
Satu kajian telah dilakukan ke atas sistem penyejat-peh1eluwap untuk kawalan 
kelembapan yang mcnggunakan pemampat kelajuan dan kadar aliran angin malar. 
Sistem penyejat-pemeluwap memerlukan penambahan gegelung pemanasan semula 
kepada unit konvensional. Gegelung pemanasan semula digunakan untuk 
memanaskan semula udara yang disejukkan di gegelung penyejukan, dengan itu 
mengawal kelembapan. Simulasi awal menggunakan Vapcyc dan Coi!Designer 
menunjukkan peningkatan dalam prestasi penyejukan dan juga meningkatkan 
keupayaan penyahlembapan sistem penghawa dingin. Justeru itu, kajian 
menggunakan unit ceiling conceal komersial yang diubah suai. Keputusan daripada 
eksperimen menunjukkan bahawa keupayaan penyahlembapan dari segi kelembapan 
mutlak dan kelembapan telah meningkat, manakala prestasi penyejukan telah 
menurun. V apcyc dan Coi!Designer tidak sesuai untuk mensimulasikan sistem 
penyejat-pemeluwap kerana mereka hanya direka bentuk untuk sistem penyejukan 
konvensional. Perbandingan antara system penyejat-pemeluwap, bahan pengering 
roda dan sistem gelung paip haba telah ditniljukkan. Walaupun semua sistem dapat 
meningkatkan pembuangan kelembapan, sistem penyejat-pemeluwap berfaedah 
dalam rekabentuk, ruang lantai dan kaedah mengawal kadar penyingkiran lembapan. 
Manfaat seiring persekitaran yang lebih selesa, produktiviti yang lebih baik dan 
suasana yang lebih sihat. 
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The human body constantly generates heat all through the day. Vigorous activities 
will cause the body to generate more heat compared to a person at rest. Because there 
are many conditions where the human body will generate different amounts of heat, 
comfort conditions are difficult to generalize. The body will feel comfortable if it is 
able to dissipate the excess heat to the environment. 
Human comfort conditions are subject to three pnmary factors i.e. 
temperature, relative humidity and air motion [1]. By isolating each factor, a better 
explanation is given for the effect of each factor on the thermal comfort. 
Heat transfer can only happen when there is a temperature difference between 
two bodies. In thermal comfort, the human body has to be able to dissipate heat to the 
surrounding air in summer or to gain heat from heated surroundings in winter. If the 
temperature of the air is too low, the human body rapidly loses heat to the air, hence 
will feel cold. To prevent the human body from losing heat, it can be insulated by 
wearing thicker clothes. On the other hand, if the temperature of the air is too high, 
there is inadequate difference, or even an adverse difference, in temperature between 
the human body and the surroundings. As a result, the body is unable to reject heat 
effectively, which leads to a feeling of discomfort. To promote heat transfer from the 
human body to air in warm climates, the heat transfer has to be augmented either by 
perspiration or by introducing air motion. 
Perspiration is one of the human body's natural responses to warm 
environments. When the heat from the human body is not dissipated quickly enough, 
the human body perspires. Due to the latent heat of evaporation of water, the body 
feels cool once the sweat evaporates. The rate of evaporation is dependent on the 
relative humidity of the surrounding air. If the surrounding air is saturated with water, 
the relative humidity is high and the air is unable to take in any more water. The sweat 
cannot evaporate and the human body is unable to dissipate heat by perspiring. At the 
same air temperature, a person will feel cooler at lower air humidity compared to 
higher air humidity. 
Introducing air motion around a person augments the heat transfer rate from 
the body to the surrounding air in warm environments. The heat transfer coefficient of 
air is directly proportional to air velocity. Using blowers or fans to promote air motion 
helps the human body to dissipate heat to the air, hence cooling the body. The use of 
blowers and fans increase the heat transfer from the human body to the air and 
therefore, it is not suitable for use in cooler environments. 
ASHRAE Standard 55 describes a method to define a condition for thermal 
comfort that is acceptable to at least 80% of the occupants [2]. This method takes into 
account environmental factors as well as ·personal factors such as activity and 
clothing. Generally, the temperature and relative humidity ranges for comfort are 
between 20°C to 26°C and 30% to 60% respectively. 
Typical air conditioning systems require user input for. controlling the air dry 
bulb temperature. Being able to control the temperature allows the user to select a 
temperature at which he/she can feel comfortable. The user is also able to select the 
desired fan speed. However, most air conditioning systems do not have a method of 
control for relative humidity. Although the air conditioning systems provide 
dehumidification, it is a by-product of cooling the air and cannot be directly 
controlled. 
The concept of relative humidity .control of air, by first cooling the air to 
reduce absolute humidity and then reheating it, is quite common and used widely in 
dehumidifiers. Cooling the air will result in moisture removal and lower absolute 
humidity whereas reheating the air will result in a lower relative humidity. In air 
conditioning systems, different methods are used to achieve the reheat effect e.g. 
auxiliary heater, desiccant wheel and heat pipes. The techniques ~tated utilize external 
methods to control the humidity of the air. It is proposed that the current refrigerant 
circuit in the air conditioning system be modified to integrate humidity control into 
' the system, rather than use separate systems to first cool and then heat the air. 
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Therefore, a study is first performed for this modified air conditioning system to 
examine its feasibility. 
1.1 Justification for the Research 
The main purpose of air conditioning is to supply air at a comfortable level to living 
spaces as defined by ASHRAE Standard 55 [2]. This is achieved by absorbing heat 
from the indoor air and rejecting the heat through a condenser in the cooling mode of 
operation. This will lower the indoor temperature to a comfortable level. However, as 
the air cools down, the relative humidity of the air rises. A relative humidity of more 
than 70% will cause fungal contamination. High humidity supports the growth of 
pathogenic or allergenic organisms [2]. High relative humidity also prevents cooling 
of the human body by evaporation of perspiration. If the human body is unable to 
dissipate heat, the person will experience thermal discomfort. 
In addition to that, controlling the temperature of the air entering a space is 
also important for providing thermal comfort. This control method is already available 
in most air conditioning systems. However, relative humidity control along with 
temperature control is not available in conventional air conditioning units. 
Equipment for humidity control can be very costly or not space efficient. 
Certain equipment, e.g. heater, is not energy efficient as well. With these drawbacks 
in mind, the purpose of this research is to study the feasibility of incorporating 
humidity control to an existing air conditioning unit. The method for introducing 
humidity control is by adding a reheat coil to the unit, which is connected in series 
before the evaporator coil. Humidity control can be achieved using an electronic 
expansion valve to regulate the refrigerant temperature at the reheat coil. 
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1.2 Objectives of Study 
In this study, an evaporator-condenser system based on the two-evaporator mr 
conditioning system is to be used in order to control the relative humidity of air 
leaving the system. The objective of the study is to investigate the effects of adding a 
condenser or reheat coil to the indoor unit in terms of coefficient of performance 
(COP), cooling capacity, absolute humidity and relative humidity of the leaving air. 
1.3 Scope of Study 
The evaporator-condenser system study is to be performed using the York brand 
ceiling concealed indoor unit YCC60C as shown in Figure 1.1. The outdoor 
condensing unit shall be the York brand YSL61 C as shown in Figure 1.2, with a 
capacity of 6 hp. R41 Oa is to be used as the refrigerant. The compressor and blower 
are constant speed types. 
The existing YCC60C has a 3-row indoor coil as the evaporator. An additional 
row will be placed in the unit to serve as the reheat coil. The reheat coil is installed in 
series with the cooling coil. The degree of reheat is contr<?lled by changing the 
refrigerant pressure by means of an electronic expansion valve .. 
The entering conditions for air side as per the ISO standards [3] for standard 
indoor cooling conditions are as follows: 
Air Dry Bulb Temperature (°C) 27 I· 
Air Wet Bulb Temperature (0 C) 19 
4 
Figure 1.1: York ceiling concealed indoor unit YCC60C 




2.0 Chapter Overview 
In this section, a background study on thermal comfort and some of the common 
methods to control humidity are discussed in order to compare the advantages and 
disadvantages of the proposed evaporator-condenser system. The current applications 
of the two-evaporator system are also discussed. 
2.1 Thermal Comfort 
The criteria for thermal comfort were briefly mentioned in Chapter 1. They include 
temperature, relative humidity and air motion. ASHRAE Standard 55 [2] provides a 
detailed explanation regarding thermal comfort but it is by no means an exhaustive 
source of information. This is because each individual has different perception of the 
thermal environment and therefore the range of thermal comfort is based on a 1 0% 
dissatisfaction criterion. The purpose of the standard is to "specify a thermal 
environment that is acceptable to at least 80% of the occupants". The acceptable 
ranges of operative temperature and humidity based on the PMV-PPD index are 
shown in Figure 2.1. 
In addition to achieving thermal comfort, simulation and experimental studies 
have reported that thermal comfort control can also produce higher energy efficiency 
and system reliability [ 4, 5, 6]. 
10 13 16 18 21 24 27 29 32 35 38 
Operative Temperature, "C 
Figure 2.1: Acceptable ranges of operative temperature and humidity based on a I 0% 
dissatisfaction criteria for general (whole boqy) thermal comfort based on the PMV-
PPD index, plus an additional! 0% dissatisfaction that may occur on average from 
local (partial body) thermal discomfort [2] 
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2.1.1 Thermal Comfort Index 
Rather than using environmental parameters such as air temperature or humidity for 
controlling the operation of A/C systems, using thermal comfort index is also 
possible. Two such indexes are Fanger's mathematical models predicted mean vote 
(PMV) and predicted percentage dissatisfied (PPD) [7, 8]. Fanger's PMV model 
combines four physical variables (air temperature, air velocity, mean radiant 
temperature, and relative humidity), and two personal variables (clothing insulation 
and activity level) into an index that can be used to predict the average thermal 
sensation of a large group of people in a space. The PMV describes the quality of 
thermal environment as a mean value of votes of a large group of people. The PPD 
describes the thermal comfort level as a percentage of thermally dissatisfied people. 
Fanger's PMV-PPD thermal comfort index is widely used and accepted for design 
and field assessment of thermal comfort [9, 10, 11, 12, 13] 
2.2 Humidity Control 
Humidity control is an integral part of air conditioning and thermal comfort, the other 
being temperature control. To achieve moisture removal, the cooling coil surface 
temperature must be below the dew point of the air being cooled. The cooling coil 
surface temperature is dependant on the refrigerant evaporating temperature. From the 
refrigerant point of view, a lower refrigerant evaporating temperature will result in 
more moisture removal. Referring to the coefficient of performance (COP) of the 
Carnot Cycle, a higher evaporating temperature will result in a higher COP. Therefore 
the higher rate of moisture removal by means of lower evaporating temperature comes 
at the cost oflower COP. 
2.2.1 Dehumidifier 
For situations where a lower air temperature is not required, a dehumidifier can be 
used to control humidity. A dehumidifier consists of an evaporator, condenser, 
9 
compressor and a fan in one unit as shown in Figure 2.2. In this configuration, the air 
is drawn through the unit via the fan into the evaporator. At' the evaporator, the air is 
cooled to below the dew point and moisture is removed. After that, the cooler and 
drier air is passed through the condenser where it is reheated· to the space temperature 
before being discharged into the space. The compressor work is also absorbed by the 
indoor air in this case, resulting in a higher air temperature compared to the inlet. 
Dehumidifier capacity is determined by the amount of moisture it can remove under 







Figure 2.2: Schematic of.a dehumidifier [I~] 
2.2.2 Auxiliary Heater 
For central air conditioning systems found in buildings, hm~idity control can be 
achieved by overcooling the air, thereby removing more moisture, and then reheating 
' 
the air using an auxiliary heater. Refening to Figure 2.3, the evaporator coil first cools 
the air until its temperature is lowered below its dew point, thereby removing 
moisture from the air and dehumidifying it. After that, the cooled air is reheated by an 
auxiliary heater to a more comfortable temperature to cater for the room cooling load. 
Without the auxiliary heater, it is possible that the room will be. overcooled, creating 
an uncomfortable environment. Although this method is able to ~chieve the objective 
10 
of humidity control, it is not energy efficient on account of the additional heating 
energy input. As a result of the higher energy consumption, the COP of the system is 
lower [15]. The energy requirement for subcooling with reheat can be typically 1.65 
times the requirement to just cool the air to its delivery temperature [16]. 
Furthermore, this system is difficult to implement in direct expansion (DX) air 
conditioning systems due to size constraints. 
r--





Figure 2.3: Relative humidity control by auxiliary heater 
An advantage that is present in central air conditioning systems IS the 
availability of space. This allows various configurations of the air conditioning system 
to cater for humidity control. Specific dehumidification equipment, such as heat pipes 
or desiccant wheels, can be separately installed into the air ducts to provide additional 
moisture removal. 
2.2.3 Desiccant Wheel 
One of the more established methods for dehumidifYing is using a desiccant wheel. 
The function of the desiccant wheel is to absorb water vapor from an air stream and 
transfer it out of the space. This is because desiccant chemical material is hydrophilic. 
Once the desiccant material is saturated with water, the water content is removed from 
the wheel using a stream of hot air, heated by direct fuel-firing, steam, hot water or 
waste heat [I 7]. 
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Desiccant materials are divided into two categories i.e. regenerative and non-
regenerative. Non-regenerative equipment uses hygroscopic salts such as calcium 
chloride, urea, or sodium chloride. Regenerative systems usually use a form of silica 
or alumina gel, activated alumina, molecular sieves, lithium chloride salt or solution, 
or glycol solution [18]. 
Procl'Sl>ing secHon of 
Desiceant · 
ltegeneralor section of 
Deskeant wheel 
Cooling t'tiil 
t!J ma, b3 
{J ma,h2 
CD Return llir @ Coolt'<l ,'I;. humidified air 
@Cooled & dt~mmidilied air@) Supply llir 
Figure 2.4: Schematic diagram of ll desiccant wheel in an air-conditioning system [19] 
Figure 2.4 shows the configuration for an llir-conditioning system with a 
desiccant wheeL The desiccant material used is metal silicate synthesized on 
inorganic fiber substrate (net organics less than 2% ). In general,' the desiccant wheel is 
wrapped around the evaporator coil. The air to be cooled and dehumidified first enters 
the desiccant wheel where the wheel pre-cools and humidifies •the air. Then the pre-
cooled air enters the cooling coil where it will be further cooled and dehumidified. 
Before the cooled air enters the space to be conditioned, the desiccant wheel reheats 
and dehumidifies the air. Experimental studies show that the desiccant wheel is able 
to enhance the dehumidification of the air but has a lower COP compared to the 
conventional cooling system by 5% [19]. 
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2.2.4 Heat Pipe/Thermosyphon 
Another way to provide dehumidification is by the heat pipe or thermosyphon. The 
heat pipe consists of two heat exchangers, namely the heat pipe evaporator and heat 
pipe condenser. The heat pipe is wrapped around the evaporator coil, where supply air 
is pre-cooled by the heat pipe evaporator and reheated by the heat pipe condenser. By 
pre-cooling the air before entering the evaporator coil, the sensible cooling load on the 
cooling coil is lower and therefore it is possible to remove more moisture. The heat 
pipe condenser reheats the cooled air to decrease the relative humidity. The heat is 
considered "free" because no external energy is required to reheat the cooled air [20]. 
Condenser section of 
heat pipe heat 
<:.-----'1 3 
Evaporator section of 
heat pipe heat 
2 
~ i 
Refrigerant Condensate Cooling Coil 
Figure 2.5: Schematic diagram of a heat pipe heat exchanger in an air conditioning 
system 
The configuration for the Heat Pipe Heat Exchanger system as shown in 
Figure 2.5 is similar to that of the desiccant wheel system, where the desiccant wheel 
is replaced with the heat pipe heat exchanger. An experimental study [21] has shown 
that the cooling capability of the system is enhanced by 20% to 32.7% and the 
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condenser of the heat pipe heat exchanger is able to act as a heater to replace the 
conventional heater. However, the addition of the heat pipe 'heat exchanger increases 
air-side pressure losses, manufacturing cost and the overall size of the air conditioning 
unit. Furthermore, the claimed enhancement of the cooling capability of this system 
might have been misinterpreted. The cooling capacity is calculated from point I to 
point 2 and disregards the reheating of the air. For a more meaningful comparison, it 
is better to calculate the cooling capacity from point 1 to point 3, in which case the 
cooling capacity may become less than a straight system. 
2. 2. 5 Constant Speed Compressors 
Attempts to control humidity using constant speed compressor (CSC) lead to several 
complications. The constant speed compressor relies on on-off functions to regulate 
the air temperature. During the off cycle, it has been demonstrated that moisture is 
added to the air stream [22]. During cooling mode, the compressor is switched on and 
moisture is removed from the air via condensation on the co!'d fins. The condensate 
water flows towards a drain pan where it is drained out. When the compressor is 
switched off, the coil is still cool and provides sensible cooling. In addition to the 
sensible cooling, accumulated moisture on the fins provide~ evaporative cooling, 
adding further moisture to the air. In such situations, there is no net enthalpy change 
across the coil [23]. While on-off compressors are not suitable to control the 
humidity, a H-L compressor with high and low speed settings was used along with a 
variable speed blower. The rationale for the change from CSC is to prevent the 
compressor from entirely turning off when the temperature is too low. The H-L 
compressor does not accurately control the humidity levels but is more cost effective 
compared to the variable speed compressor (VSC) [24], which is, reviewed below. 
Another method to avoid the occurrence of on-off cycles in CSC is to 
implement air bypass (BA) systems. Such system uses dampers for a portion ofthe air 
to bypass the cooling coil. The portion of air which enters 'the cooling coils is 
dehumidified and cooled. The cooled air is then mixed with the bypass air at a later 
point before entering the conditioned space. This method works well at maintaining 
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the room temperature, but due to the smaller amount of air entering the cooling coil, 
the humidity control is of a lesser extent compared to other systems [25]. 
2.2. 6 Variable Speed Compressors and Blowers 
Controlling humidity via evaporating temperature requires a VSC i.e. inverter 
compressor. CSCs are unable to vary the evaporating temperature at a given 
condition. Typical CSCs control the temperature by switching on when the sensed 
temperature is too high, and switching off when the sensed temperature is too low. On 
the other hand, VSCs can provide better control by modulating the refrigerant mass 
flow rate. When more moisture removal is required, the refrigerant mass flow rate 
will be lowered in order to reduce the refrigerant evaporating temperature. 
Humidity control can also be achieved by varying the air flow rate, such 
systems being termed variable air volume (VA V) systems. A lower air flow rate 
reduces the fin temperature and allows more moisture to be removed. In the VA V 
system, the cooling performance is poorer when more moisture is to be removed .. This 
is due to the lower air volume being cooled. The lower air flow being treated will also 
cause the air to become stale due to smaller number of air changes and will also have 
a lower air motion, which is also a factor in thermal comfort [26]. 
A patent describes the use of two cooling coils to control humidity in building 
systems [27]. The first cooling coil is used to treat fresh air, which has a higher 
humidity. The cooled and dehumidified fresh air is then mixed with the return air, 
which is warmer. The resultant mixed air is then passed through the second cooling 
coil, where the air temperature is brought down to a more comfortable level before 
entering the room. 
Experimental results have shown that humidity control using VSCs and supply 
fans can be accurately achieved [28, 29]. The ability to control the humidity comes 
from the various sensible heat factor (SHF) possibilities when varying the compressor 
and blower speeds [30]. A consequence of the lower refrigerant mass flow rate is the 
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poorer performance of the cooling system. Thus, humidity control comes at the 
sacrifice of cooling performance. 
2.3 Current Two-Evaporator Applications 
A review of the ci.ment literature shows that a two-evapqrator concept has been 
applied mainly in household refrigerators, where there are, separate compartments 
requiring different cooling loads i.e. freezer and refrigerator section in one unit [31]. 
Referring to Figures 2.6 and 2.7, the refrigerant leaving the condenser goes through 
the first expansion valve (1-2) and into the first evaporator. The refrigerant absorbs 
heat from the space (2-3) and then enters the second expansion valve (3-4) and into 
the second evaporator (4-5) before returning to the compressor (5-6) and finally 
completing the cycle in the condenser ( 6-1 ). It can be said thatthe two evaporators are 
arranged in series. In this configuration, the cooling load for the first evaporator is less 
than the second evaporator. 
In a more common configuration, the two-evaporator system is used for 
different spaces with the same cooling load [32]. Referring to Figures 2.8 and 2.9, the 
refrigerant leaving the condenser enters the first and second evaporator before 
expanding to the working pressure. It can be said that the two evaporators are 
arranged in parallel. The refrigerant absorbs heat from the spaces and returns to the 
compressor, finally releasing at the condenser all the heat absorbed in the evaporators, 
and completing the cycle. 
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Figure 2.7: P-h diagram for a system with different cooling loads 
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Figure 2.9: P-h Diagram for System with Similar Cooling Loads 
A study conducted using two evaporator refrigerator , using non-azeotropic 
refrigerant R22/Rll in series and one capillary tube as expansion device (Known as 
the Lorenz-Meutzner cycle) shows a power saving of up to' 20% compared to a 
conventional refrigerator using Rl2 [33]. The Lorenz-Meutzner cycle uses a 
refrigerant blend with a large temperature glide. A similar study also yielded the same 
results [34]. A computer simulation of two-evaporator refrigerating system charged 
with pure and mixed refrigerants shows a signiticant increase in COP [35]. An 
experimental study on a modified Lorenz-Meutzner cycle with bypasses to the 
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compressor shows that the energy saving potential is high when two-evaporators are 
used in series [36, 37]. 
2.4 Opportunities for Research 
A review on the state of the art in humidity control shows that humidity control can be 
achieved using various methods. External methods include the additional of humidity 
control equipment such as auxiliary heaters, desiccant wheels and heat pipes. The 
employment of dedicated cooling coils can also be used in central air conditioning 
system ducts to cater for humidity control, where the higher humidity from fresh air is 
removed and then mixed with return air. The mixed air is then further cooled to a 
more comfortable temperature. These external methods are suitable for large systems, 
where there is ample space to install the desired method. 
Methods relating to the control of the air conditioning internal system can also 
be used for humidity control. Such methods include VA V and VSC systems which are 
able to accurately control the humidity at design conditions. The VA V and VSC 
systems require fine tuned algorithm and means to vary the speeds of the blower and 
compressor respectively. Unfortunately, the equipment for speed control is not cost 
effective. Although the VA V and VSC system for humidity control can be integrated 
as a unitary system, it may come at a premium price due to the more expensive 
equipment required. 
In situations where cooling is not required, dehumidifiers can be used to 
remove moisture. As dehumidifiers can only remove moisture, it can only cater to one 
of the thermal comfort conditions. 
Current two evaporator systems are used in applications where similar or 
different cooling loads are required. When similar cooling loads are required, the user 
is able to control each evaporator individually when needed. Systems with different 
cooling loads can use the two evaporator system with the advantage of a single 
compressor to save cost and space. The Lorenz-Meutzner cycle has shown to improve 
power savings up to 20%. 
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A solution is required to provide humidity control in areas where available 
space and costs are challenged. By modifying the two-evaporator system, a reheat 
effect can be provided to the air leaving the air conditioner. The aim ofthis study is to 
conilrol humidity of the leaving air of a CSC commercial ceiling concealed unit using 
a reheat coil which is com1ected in series with the existing cooling coil. The working 
pressure of the reheat coil will be controlled using an electronic expansion valve. The 
expected system will be compact enough to use as a unitary system at a minimal 
increase in cost due to the relative simplicity of the system. 
A brief summary of the methods· for dehumidification and two-evaporator 
systems are shown in Table 2.1. 
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Table 2.1: Summary of common dehumidification methods 
Method Advantages Disadvantages 
Dehumidifier • Portable • Discharged atr IS not 
cooled 
• Smaller unit 
. 
Auxiliary Heater • Reheat can be controlled • External energy required 
• Poorer COP due to 
additional energy to operate 
the heater 
Desiccant Wheel • Enhances the • lower COP compared to the 
dehumidification of the air conventional cooling 
system by 5% 
Heat Pipe/ • Cooling capability enhanced • Increased air side pressure 
by 20% to 32.7% losses 
Thermosyphon 
• Increased manufacturing 
cost 
• Increased overall size of the 
air conditioning unit 
vsc and VAV • Able to control humidity • Not cost effective due to 
system accurately at design expensive equipment 
conditions 
• Complex algorithm 
• Unitary system required 
Two-Evaporator • Used Ill refrigerators with • Additional components 
freezer compartment such as expansion devices 
and heat exchangers needed 
• Different operating 
temperatures for different • Power savings up to 20% in 
compartments Lorenz-Meutzner cycle 
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2.5 Chapter Summary 
A literature review has been done to determine the available methods for humidity 
control. The review has shown that the equipment for humidity control either requires 
large space, high costs or dedicated equipment. The two-evaporator system is 
examined for its potential use to control humidity. This research examines the use of 
the modified two-evaporator system as a compact system with minimal cost increase. 
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3.0 Chapter Overview 
CHAPTER III 
METHODOLOGY 
This chapter describes the methods used for the study. This includes the basis for 
choosing the test units, preliminary calculations using Coi!Designer [38] and Vapcyc 
[39], necessary modifications made to the test unit and finally the testing procedures. 
The test procedures are divided into two sections: charge optimization and humidity 
control test. The result of the refrigerant charge optimization is also presented in this 
chapter. 
3.1 System Circuit Design 
The YCC60C indoor unit is chosen for this study because of its coil design. The 
endplate design for the heat exchanger allows sufficient space to add another row 
without any major modification to its current structure. A simple representation of the 
YCC60C layout is shown in Figure 3.1. 
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Figure 3.1: Layout of the YCC60C 
The YCC60C has a large aspect ratio. In order to provide uniform distribution 
of air flow, two blowers are employed to draw air through the coils. 
In this modified system, the first coil is a cooling coil 'which functions as an 
evaporator in a conventional air-conditioning system. The second coil carries the 
refrigerant mixture produced by EXV I and is at a higher temperature compared to the 
' 
evaporator coil. Thus it serves to reheat the cooled air leaving the first evaporator. 
This will eliminate the need for the heater and will provide ,the user a method to 
' 
control the relative humidity leaving the air-conditioner. Due to the reheat function of 
' 
the second coil, it shall be called the Reheat Coil to differentiate it from the outdoor 
condenser. The circuit diagram of the proposed evaporator~,condenser system is 
shown in Figure 3.2. 
' 
Referring to the Figure 3.3, the refrigerant leaving the condenser will be in a 
sub-cooled liquid state (Point 1). The refrigerant at EXVI will expand to the reheat 
coil working pressure of P2. Air leaving the evaporator will absorb the heat from the 
' 
refrigerant at the reheat coil and the enthalpy state of the re,frigerant will move 
towards point 3. Refrigerant at Point 3 will then expand again at EXV2 to the working 
pressure of the evaporator at Point 5. From Point 4 to Point 5, the refrigerant absorbs 
heat from the air, thereby cooling the air. Point 5 corresponds to the refrigerant 
entering the compressor and finally, releasing the heat at the outdoor condenser at 
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Point 6, completing the cycle. The potential increase in performance comes from the 
lower quality of the refrigerant that absorbs more heat in the evaporator because of a 
higher latent heat requirement. This allows the refrigerant to absorb more heat from 
the air. The heating of the air from the reheat coil is intended to bring the relative 
humidity ofthe cooled air within the comfort range. 
1 Outdoor Condenser 
EXV I 2 Reheat Coil 3 







Figure 3.2: Schematic circuit for evaporator-condenser system 
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h 
Figure 3.3: P-h Diagram for the evaporator-condenser system 
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The expected air conditioning process for the evaporator-condenser system plotted on 
a psychometric chart is shown in Figure 3.4: The conditions of air are based on the 
following to facilitate a better understanding of the process: 
Dry Bulb Wet Bulb Humidity Relative 
Point Temperature Temperature Ratio Humidity 
(oC) ("C) (g/kg) (%) 
1 27 19 10.5 47 
2 12 11 8.0 90 
3 17 13 8.0 65 
The air enters the evaporator at 27°C dry bulb temperature and 19°C wet bulb 
temperature. At the evaporator, the air is cooled and moisture is removed The state of 
air leaving the evaporator is assumed to be at 12°C dry bulb' temperature and 11 oc 
wet bulb temperature. The cooled air is then heated at the auxiliary condenser to 17°C 
dry bulb temperature and 13 oc wet bulb temperature. The ab'solute humidity of the 
heated air remains the same as the cooled air because of the sensible heating, but the 
relative humidity is lowered due to the increase in dry bulb temperature. 
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Figure 3.4: Psychometric chart for the evaporator-condenser system 
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3.2 Vapcyc and Coi!Designcr simulation 
Before setting up the experimental apparatus, simulations are,carried out to predict the 
performance of the unit. The simulation software used to perfonn these calculations 
are Coi!Designer and Vapcyc, both of which have been developed at the Center for 
Environmental Energy Engineering (CEEE), University ofM'!fyland. 
3.2.1 Method 
CoilDesigner is a "general-purpose simulation and design tool" for predicting the 
performance of heat exchangers. Among the common types of heat exchangers 
available are fin-tube, microchannel and tube-in-tube. Coi!Designer is very flexible 
software and allows the user to choose from multiple correlations for heat transfer and 
pressure drop to best suit the purpose. There is also a variety of working fluids for the 
user to choose from. Coi!Designer is able to simulate the performance of a plate-fin-
tube coil within ±10% [38]. A screenshot of the Coi!Designer user interface is shown 
in Figure 3.5. 
VapCyc is a tool for a steady-state vapor compression refrigeration system 
simulation and optimization [39]. The simulation focuses on a 'system consisting of a 
compressor, condenser, expansion device and evaporator connected in series. 
Evaporator and condenser coils designed in Coi!Designer are used as inputs in the 
Vapcyc along with the Compressor Performance Estimation Program (CPEP) to 
obtain a balanced system between the condenser, evaporator and compressor. A 
screenshot ofVapCyc is shown in Figure 3.6. 
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Figure 3.6: Vapcyc user interface 
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There are many aspects to consider when designing an air conditioning circuit. 
Among the critical ones are: 
1. Condenser Size 
2. Evaporator Size 
3. Compressor 
4. Refrigerant Charge 
5. Expansion Device 
6. Motor and Fan size 
A change in any one of those items will result in involuntary change in others. 
With all these parameters, it is almost impossible to do a simulation. Therefore, some 
parameters need to be fixed as necessary inputs for simulation. 
First, a balancing simulation (without the reheat coil) was performed using 
VapCyc. This balancing simulation is performed to obtain the cooling performance of 
the system without reheat. The results will serve as the simulation benchmark. The 
inputs required are the evaporator and condenser coil geometry, air flow rates for both 
evaporator and condenser, superheat temperature, subcool temperature and the 
compressor curve. The software first assumes a refrigerant mass flow rate and 
calculates the coil performance. The software then iterates the refrigerant mass flow 
rate until the superheat and subcool temperatures inputted earlier are achieved. For 
this simulation, the subcool is set at 5°C and the superheat at 7°C. The results of this 
balancing process are shown in Appendix A. 
As the Vapcyc has a built in algorithm for straight cycles, its applicability to 
two-evaporator systems is unknown. Coi!Designer is used to simulate the reheat coil. 
To achieve the same air leaving dry bulb temperature as the benchmark, the air has to 
be over-cooled at the evaporator and then reheated at the reheat coil. This is achieved 
by lowering the evaporating temperature, thereby decreasing the air temperature 
leaving the evaporator, and then simulating the reheat coil effect on the air. In this 
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case, the inputs to the simulation are refrigerant pressure, refrigerant quality and 
refrigerant flow rate. 
The cooling perfom1ance of the system can be estimated by calculating the 
enthalpy difference between the inlet and outlet air. The air enthalpy is a function of 
the air dry bulb, DB, and the humidity ratio, W. The enthalpy function is given as 
follows [40]: 
hair= l.006xDB+ W (250 I+ 1.86xDB) (3 - I) 
The air dry bulb temperature and wet bulb temperature can be obtained from the 
simulation results. 
Knowing the enthalpy of the inlet and outlet air, the cooling performance can 
now be calculated by: 
Qtotal, air= rilair X ( hair,inlet -hair,outlct ) (3 - 2) 
The theoretical compressor power was obtained from the enthalpy difference 
between the outlet and inlet of the compressor. Referring to Figure 3.3, the points 
representing the inlet and outlet of the compressor are state points 5 and 6 
respectively. Compressor power is calculated using the following equations: 
where 
~hcomp = hcornp,outlet - hcomp,inlet 
Lastly, the coefficient of performance is calculated by: 
COP= Qtotal. air/ 
/Pcomp 
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(3 - 3) 
(3- 4) 
(3 - 5) 
3.3 Experimental Setup 
This section describes the specificati~ns of the modified indoor unit YCC60C, 
components related to the indoor unit 
3.3.1 Indoor Unit 
The indoor unit consists mainly of a cooling coil, reheat coil, two centrifugal blowers 
and a motor to drive the blowers. Figure 3.7 shows the inside view of the YCC60C. 
Figure 3.7: Inside view of the YCC60C 
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3.3.2 Cooling Coil and Reheat Coil 
The cooling coil and reheat coil specifications are shown in Table 3.1. 
Table 3.1: Cooling coil and reheat coil specifications 
Cooling Coil Reheat Coil 
Number of Rows 3 1 
Fins Per Inch 20 20 
Tube Height 16 16 
Fin Length (mm) 1354.0 1354.0 
Fin Type Hydrophilic Slit Hydrophilic Slit 
3.3.3 Motor and Blower 
The power of the motor used to drive the blowers is 600 W. There are two blowers, 
each with a diameter of214 mm and length of203.2 mm. 
3.3.4 Distributor 
An important component used in fin-tube coils is the distributor. The function of the 
distributor is to evenly distribute the refrigerant flow into the individual circuits of the 
fin tube heat exchanger. A mal-distributed flow will result in poor heat exchanger 
performance. This is especially critical for two-phase flows where the liquid tends to 
stratify and flow towards the bottom circuits due to the gravitational effect, while the 
vapor remains at the top of the heat exchanger. There are several types of distributors 
used in the inlet of evaporator coils, i.e. Venturi, Cone-Shaped, and Round-Type. The 
type of distributor used for this study is the Cone- Shaped one. A picture of these 
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distributors is shown in Figure 3.8. It is used at the inlet of both the reheat coil and the 
evaporator coil. 
Figure 3.8: Cone-shaped type distributors 
A header pipe is used at the outlet of the reheat coil and evaporator coil. 
The distributor and header piping of the indoor coils are shown in Figure 3.9. 
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Figure 3.9: Distributor and header piping of the cooling coil and reheat coil 
3.3.5 Electronic Expansion Valve 
The function of the expansion device in an air conditioning system is to control the 
working pressure of the evaporator. Common expansion devices include capillary 
tubes, thermostatic expansion valves (TXV) and electronic expansion valves (EXV). 
The evaporator-condenser system requires different pressures for the evaporator and 
the reheat coil. The expansion device used will be EXV. It is chosen because the 
degree of expansion can be set at a precise opening to control the working pressure of 
the coi Is. The EXV used is shown in Figure 3.1 0. 
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3.3.6 Solenoid Valve 
Solenoid valves are used as an on-off switch to control the flow. The on-off switch is 
a magnetized coil which will open or close (Depending on Valve Type) via a plunger 
when the coil is energized. These valves are usually Normally Open (NO) or 
Normally Closed (NC). In a NO solenoid valve, the valve is opened and allows flow 
when the magnetized coil is de-energized and closed when the magnetized coil is 
energized, thereby blocking flow. In a NC solenoid valve, the valve is closed and 
thereby blocking flow when the magnetized coil is de-energized, and opened and 
allows flow when the magnetized coil is energized. The solenoid valve used is a NC 
type and is shown in Figure 3.11. 
3.3. 7 Check Valve 
A check valve is used to control the direction of flow. In this study, the check valve 
allows refrigerant to flow from the reheat coil to the evaporator, but not in the 
opposite direction. The check valve used in this study has a nominal size of 12.7 mm 
(1/2"). It is shown in Figure 3.12. 
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Figure 3.10: Electronic expansion valve 
Figure 3.11: Solenoid valve 
Figure 3.12: Check Valve 
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3.3.8 Other Components 
Due to space constraints, most of the components of the system are placed on the 
outside of the indoor unit. As this is a test unit, such an arrangement is acceptable for 
preliminary feasibility tests. This will also allow easier change of EXV settings 
because the components are located outside. Figure 3.13 shows the piping and 
components on the outside of the indoor unit. 
Figure 3.13: Piping and components of the evaporator-condenser system 
3.4 Measuring Equipment 
In this study, the temperatures along the refrigerant pipe circuit are measured by using 
Type-T thermocouples while the gauge pressures are measured by using Yokogawa 
FP20 1 pressure transmitters. The indoor unit entering and leaving dry-bulb and wet-
bulb temperatures are taken by using air samplers which houses the RTDs. Pressure 
taps and thermocouples are placed on the compressor suction, compressor discharge, 
condenser inlet, condenser outlet, evaporator inlet, evaporator outlet, before EXV 1, 
after EXV 1, before EXV2, after EXV2, and reheat coil outlet. 
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The air flow rate of the indoor unit is measured with a nozzle chamber, which 
is designed in accordance with ASHRAE Standard 41.2 [41]. The nozzle chamber 
generally consists of a nozzle, blower, pressure tappings and an inverter to control the 
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Figure 3.14: Schematic of the nozzle airflow measuring apparatus 
The psychometric test room is designed in accordance with ISO standard 
13253 [3] and ASHRAE Standard 37 [42]. The calculation method to determine the 
cooling performance of the unit is based on indoor test data using the loop air 
enthalpy test method. The room arrangement for the loop air enthalpy test method is 
shown in Figure 3.15. 
The COP calculation for the experimental results is 





Unlike equation 5 in section 3.2, the power input is redefined to include the fan power 
in addition to the compressor power. This is because V apcyc is limited to only 
compressor power and fan power is not considered in the simulation. 
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Figure 3.15: Loop air enthalpy test method arrangement [ 41] 
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3.5 Experimental Methodology 
This section explains the steps of performing the experimental study of the 
evaporator-condenser system. 
3. 5.1 System Leak Check 
Before the testing is performed, a system leak check is done to detect possible leaks 
due to improper brazing or other connections. Nitrogen gas is used to pressurize the 
system at approximately 2.8 MPa (400 psig) .and the pressure readings are observed. 
The pressure readings will drop if there are any leaks in the system. Hence, all the 
joints at the system have to be checked individually using a soap solution. The soap 
solution is placed on the joint and observed. If bubbles form on the soap solution, it 
means that there is a leak in the system and the joint has to be repaired or replaced. 
3.5.2 Cooling System Refrigerant Optimization 
The cooling system has to be optimized first before the reheat coil is tested. For this 
test, the solenoid valve is turned off to prevent refrigerant from entering the reheat 
coil. The optimization process takes place under ISO Standard Cooling condition. 
The procedure to optimize the cooling system is as follows: 
I. The cooling system is charged with 2. 7 kg of R41 OA. 
2. The system is turned on and the EXV is adjusted until the compressor 
discharge temperature is 75°C. 
3. The system is run for 15 minutes to stabilize the readings. 
4. The total capacity is noted. 
5. Steps 3 and 4 are repeated with compressor discharge temperatures of 80°C 
and 85°C. 
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6. An additional 0.10 kg of R41 Oa is charged into the cooling system and steps 2 
to 5 are repeated. 
7. Step 6 is repeated until there IS a drop in performance compared to the 
previous charge weight. 
The optimized charge will be the charge which gives the best performance at a 
certain compressor discharge temperature. This refrigerant charge and discharge 
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Figure 3.16: Charge optimization ofYCC60C 
Referring to Figure 3.16, the system is charged from 2.7 kg until 4.4 kg. For 
the testing with 75°C discharge temperature, the total capacity increases as the charge 
weight increases. At 3.3 kg charge weight, the total capacity reaches a peak, and drops 
off at 3.4 kg. Therefore, the testing is continued by changing the discharge 
temperature to 80°C and refrigerant is continued to be added. The total capacity again 
increases until it peaks at 3. 9 kg and drops after that. The discharge temperature is 
increased to 85°C and refrigerant is added again. The highest capacity is at 80°C 
discharge temperature and 3.9 kg weight of R410a. Therefore, this charge weight is 
set as the optimum weight for this system. 
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The refrigerant in the system was recovered using a recovery machine. Then, 
3.9 kg of refrigerant R410a is charged into the system and the test is repeated at 80°C 
discharge temperature. However, the suction superheat was on the low side, 3.rc. A 
low superheat suction means that there is a chance for liquid refrigerant to enter the 
compressor, thereby reducing the reliability of the compressor. To increase the 
superheat temperature, the discharge temperature is raised to 85°C. The resultant 
superheat at suction was 7.8°C, which resulted in a relatively small sacrifice in 
performance (0.39% lower). Therefore, the discharge temperature for the following 
tests was maintained as 85°C. The difference in performance for the two discharge 
temperatures is shown in Table 3 .2. 
Table 3.2: Performance at 80°C and 85°C discharge temperature 
Tct = 80oc Tct = 85°C 
Temp Comp Discharge (0 C) 80.1 84.6 
Total Capacity (k W) 15.06 15.00 
Superheat Suction (0 C) 3.7 7.8 
Subcooling (0 C) 7.5 7.8 
The experimental data used to plot charge optimization is shown in Appendix A. 
3.5.3 Humidity Control System Test 
Having determined the optimum charge for the cooling system, the refrigerant is 
released from the system. After that, the system is evacuated and purged with R41 Oa. 
Now the predetermined optimum charge weight of R410a is filled into the system. 
The . cooling system is then operated again to re-confirm the perfonnance of the 
system. This will become the benchmark for future tests of the humidity control 
system. 
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There are many parameters that can be adjusted in the air conditioning system, 
VIZ., condensing pressure, evaporating pressure, discharge temperature, refrigerant 
charge and air flow. A variation in each of these parameters affects all the others. For 
example, lowering the condensing pressure will result in a lower evaporating 
pressure. With all these parameters to consider, certain inputs will be unchanged for 
the test. This is to consider a simpler test method for data collection. Among the 
parameters held constant are: 
I. Compressor discharge temperature 
2. Indoor and outdoor air temperatures 
3. Refrigerant charge 
4. Air flow rate 
To test for the effect of the reheat coil in the system, a reheat EXV is used to 
expand the refrigerant entering the reheat coil to a pre-determined temperature. 
However, this temperature must be higher than the air temperature leaving the 
evaporator to ensure that the air is reheated. Therefore, a range of 20°C to 45°C is 
used as a guideline to control the reheat EXV. 
3.5.4 Measurement Uncertainty 
Uncertainties in the experimental measurement data were calculated using the error 
propagation method by Kline and McC!intok [43]. 
The uncertainty analysis for air conditioner cooling capacity using air-
enthalpy method was carried out as per Jia et a!. [ 44]. 
Table 3.3 lists the measurement instruments used in the experiment and their 
respective uncertainties. In calculating the uncertainties, expressed as algebraic 
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combination of several variables A, B and C, the relationships shown in Table 3.4 
have been used. 
The calculated expanded uncertainties from the experimental data for a 95% 
confidence level are as follows: 
a) Total capacity: ±2.4% 
b) Sensible capacity: ±3.2% 
c) Latent capacity: ±8.3% 
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Table 3.3: List of uncertainties of measurement instruments 
Instrument Uncertainty 
RTD temperature sensor ±0.03°C 
Differential pressure manometer ±0.05 mmHzO 
Power meter ±0.7W 
Table 3.4: Error propagation relationship 
No. Relation between Z and Relation between liZ and 
(A,B,C) 
(AA, liB, liC) 
I Z=A±B±C (,"z)' =(AA)' +(AB)' +(t.c)' 
2 Z=A*B ( ~)' =( ~)' +( !1:)' +( !1~)' c 
4 Z=lnA !1Z = I1A 
A 
8 Z=A" !1Z=Zn(~) 
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3.6 Chapter Summary 
This chapter begins by describing the circuit design of the evaporator-condenser 
system. Then, the simulation method using Vapcyc and Coi!Designer to determine the 
performance of the evaporator-condenser system is shown. The experimental setup 
and test procedures are described. The optimum refrigerant R41 Oa weight to be used 
in the experiment is found to be 3.9 kg. Finally, the uncertainties in measurement are 
determined. 
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4.0 Chapter Overview 
CHAPTER IV 
RESULTS AND DISCUSSION 
This chapter presents the results of the simulation and numerous tests that 
have been performed. A comparison study is done between test results and simulation 
results which were described in the previous chapter. The system curve is also plotted 
on a P-h diagram to illustrate the differences of the evaporator-condenser system 
compared to the conventional system. 
The data used to plot the reheat circuit experimental results are giVen m 
Appendix C. The calculation method used to determine the refrigerant mass flow rate 
and the results are given in Appendix D. 
A summary of the equations used m Chapters III and IV are shown m 
Appendix E. 
4.1 Implications of the Balancing Simulation 
The results of the evaporator-condenser simulation are summarized in Table 4.1. The 
conditions of air entering the evaporator-condenser follows ISO standard conditions 
i.e. 27°C dry bulb temperature and I9°C wet bulb temperature [3}. The reduction in 
relative humidity shows that the evaporator-condenser system is able to perform 
enhanced dehumidification compared to the conventional system. The cooling 
capacity has increased compared to the conventional system by 9 .II% but needs 
1.06% higher compressor work. Overall, the COP is higher by 7 .96%. 
Table 4.1: Simulation Results 
Without Reheat With Reheat 
Air Side Entering Leaving Entering Leaving 
Air Dry Bulb Temperature oc 27.00 12.91 27.00 12.90 
Air Wet Bulb Temperature oc 19.00 12.88 19.00 12.26 
Relative Humidity % 46.95 99.73 46.95 93.13 
. 
Enthalpy kJ/kg 53.81 36.34 53.81 34.74 
Air-Side Capacity kW 13.34 14.56 
Compressor Power Calculation 
Suction Temperature oc 12.56 11.73 
Suction Pressure MPa 1.05 1.04 
Suction Enthalpy kJ/kg 428.05 427.49 
Discharge Temperature oc 88.48 88.48 
Discharge Pressure MPa 3.11 3.11 
Discharge Enthalpy kJ/kg 480.44 480.44 
Enthalpy Difference kJ/kg 52.39 52.95 
Refrigerant Mass Flow Rate kg/hr 357.66 357.66 
Calculated Power kW 5.20 5.26 
COP W/W 2.56 2.77 
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While the evaporating temperature is indeed lowered when simulating the 
evaporator-condenser performance, the refrigerant mass flow rate remains unchanged 
during the simulation process. A consequence of the lower evaporating temperature is 
higher moisture removal rate by the evaporator, as discussed in Chapter 2. 
Furthermore, at a lower evaporating temperature the COP for the system should also 
be lower. This does not appear to be the case in the simulation. 
The results of the balancing simulation using Vapcyc are shown in Appendix 
B. 
4.2 Performance and Moisture Removal 
As shown in Figure 4.1, there is a decrease in total capacity and absolute humidity of 
the air leaving with higher reheat coil entry temperatures. The maximum reduction in 
absolute humidity of the air leaving is approximately 9.90% as compared with no 
reheat coil. This occurred at the reheat coil entry temperature of 43.0°C. A poorer 
cooling performance would usually result in less moisture removal, therefore resulting 
in a higher absolute humidity. In this case, the absolute humidity is also lowered as 
the reheat coil entry temperature increases. Therefore, this phenomenon has to be 
considered from a different perspective to understand the reason. 
Although the discharge temperature is maintained at 85°C, the evaporator 
saturation temperature is different for each test. A low evaporating temperature results 
in low capacity and therefore, the cooling capacity of the cycle with the reheat coil is 
lower compared to the one without it. As the reheat coil entry temperature increases, 
the evaporating temperature decreases as shown in Figure 4.2. This explains the 
performance loss of the system. To understand why the absolute humidity is lower 
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Figure 4.1: Effect of reheat coil entry temperature on total capacity and absolute 
humidity 
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Figure 4.3: Sensible and latent heat removal 
Due to the performance loss in the system with reheat, it is expected that the 
moisture removal would be less than that without reheat However, the test results 
show that the absolute humidity is lower with the reheat coil, which suggests that the 
moisture removal has increased. By comparing the removal oflatent heat and sensible 
heat at different reheat coil entry temperatures as shown in Figure 4.3, it is seen that 
although the total capacity is decreasing, the latent heat removal is increasing. The 
total capacity is reduced by 7.9%, 12.1% and 12.9% for reheat coil entry temperatures 
of 2 L0°C, 33.8°C and 43.0°C respectively. The sensible heat is reduced by 12.7%, 
28.2% and 30.1% while the latent heat is improved by 4.2%, 28.6% and 30.3% for 
reheat coil entry temperatures of 21.0°C, 33.8°C and 43.0°C respectively. A higher 
value oflatent heat removal implies that more moisture is being removed from the air. 
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4.3 Coefficient of Performance 
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Figure 4.4: Total capacity and power input against reheat coil entry temperature 
Figure 4.4 shows the total capacity and the power input of the evaporator-
condenser system at different reheat coil entry temperatures. Generally, the power 
consumption is lower as the total capacity decreases. llowever, the percentage change 
of the reduction in total capacity is higher compared with the reduction in power 
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Figure 4.5: Coefficient of performance against reheat coil entry temperature 
Figure 4.5 shows the COP at different reheat coil entry temperatures. As 
expected, the COP is lower as the reheat coil entry temperature increases due to the 
lower total capacity of the system. 
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4.4 Relative Humidity 
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Figure 4.6: Effect of entering reheat coil temperature on relative humidity 
Figure 4.6 shows the relationship between the reheat coil entry temperature 
and the relative humidity of the air leaving. The relative humidity is lower as the 
reheat coil entry temperature increases. This is because the absolute humidity of the 
air leaving is lower due to the additional moisture removal by the evaporator coils. As 
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Figure 4. 7: Air leaving dry bulb temperature 
The leaving air dry bulb temperature is also higher compared to the case 
without reheat as shown in Figure 4.7. As the dry bulb temperature increases, the 
maximum amount of moisture the air can hold increases. Therefore, the relative 
humidity decreases at a specific absolute humidity as the air temperature rises. 
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4.5 Comparing Simulation Results and Test Results 
Preliminary simulation results suggested that the method of usmg evaporator-
condenser systems is able to provide an increase in cooling performance and also 
enhancement in moisture removal. However, as evident in the test results, the cooling 




Figure 4.8: Simulation and test comparisons 
Figure 4.8 shows the comparisons between simulation and test results. As 
shown in Table 4.1, the simulation total capacity is 9.11% better with the reheat coil 
while the absolute humidity and relative humidity are lower by 6.8% and 6.6% 
respectively. The experimental results presented in the above figure show that the 
total capacity, absolute humidity and relative humidity decrease as the reheat coil 
temperature increases. Instead of the simulated increase in total capacity, the tested 
total capacity is lower compared to the system without reheat. The tested relative 
humidity value is much lower than simulated value. 
Table 4.2 shows the system performance of the evaporator-condenser system 
at different reheat coil entry temperatures. 
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Table 4.2 System performance of the evaporator-condenser system 
Reheat coil entry Change compared to system with reheat(%) 
temperature 
Total capacity Absolute humidity Relative humidity 
21 oc -7.9 -6.6 -16.5 
33.8°C -12.1 -9.7 -26.1 
43°C -13.0 -9.9 -27.5 
A possible explanation for the disagreement between simulation and 
experiments may be stated as follows: 
Vapcyc and Coi!Designer were designed to be used with conventional air 
conditioning systems. It is concluded that they are not adequate and do not have the 
flexibility for analyzing the evaporator-condenser system that is considered here. Due 
to the limitations of the Vapcyc to simulate the evaporator-condenser system, it was 
necessary to make certain assumptions. That is another possible reason for the 
discrepancy. 
4.5.1 Refrigerant Mass Flow Rate 
One of the causes of this variation is the refrigerant mass flow rate. To simplify the 
simulation, the refrigerant mass flow rate was assumed equal for both systems with 
and without the reheat coil. However, with the addition of the reheat coil and its EXV, 
the internal resistance of the system has increased. This causes a reduction in 
refrigerant mass flow rate which in turn, will reduce the cooling performance. The 
mass flow rate of the system can be estimated as follows: 
Q total,air = Q total, ref X 11 (4- I) 
where 
T] =0.95 (By assuming 5% heat transfer losses between air-side and refrigerant-side) 




~hrcf,evap = hevap,oullct - h cvap,mlct (4- 3) 
The enthalpy difference of the refrigerant is taken to be the difference between 
the enthalpies at inlet and outlet pipes of the evaporator. However, the enthalpy at the 
Evaporator inlet is difficult to measure because of the refrigerant quality which could 
not be measured directly in the experiment. To overcome this problem, it is assumed 
that the refrigerant leaving the condenser has the same enthalpy as at the evaporator 
inlet. The expansion process of the refrigerant is assumed to be adiabatic. 
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Figure 4.9: Refrigerant mass now rate 
From Figure 4.9, it is clear that as the reheat coil entry temperature increases, 
the mass flow rate reduces and correspondingly, the total capacity also decreases. A 
higher reheat coil entry temperature implies that the expansion of the refrigerant is 
lower. The refrigerant expansion is achieved by opening or closing the EXV suitably 
until the required refrigerant temperature/pressure is reached. With a fixed 
compressor power, the extra pressure drop in the EXV and the additional reheat coil 
cause lower refrigerant mass flow rate. In contrast, Vapcyc fixes the mass flow rate 
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based on the compressor characteristics, superheat and subcool by means of a built-in 
algorithm. 
In order to achieve a higher cooling performance, an increase in the refrigerant 
mass flow rate is to be considered. One method to increase the refrigerant mass flow 
rate is to lower the compressor discharge temperature from 85°C. The disadvantage of 
lowering the discharge temperature is that it will cause the evaporator superheat to 
decrease, allowing liquid refrigerant to return to the compressor. Presence of liquid at 
the compressor suction can lead to compressor reliability problems. Another way to 
increase the mass flow rate is to use a compressor of higher output, resulting in an 
increase in initial and operating costs. 
The calculation of mass flow rates of the system at different reheat 
temperatures is summarized in Appendix C. 
4.5.2 System Pressures 
In the simulation, the evaporating and condensing temperatures are assumed to be 
invariant. Under actual testing conditions, the evaporating and condensing 
temperatures are dependent on each other. If the evaporating temperature decreases, 
the condensing temperature also decreases and vice versa. This is because the 
compression ratio of the compressor is a fixed value and cannot be changed. The 
changes in suction and discharge pressures at different reheat coil entry temperatures 
can be seen in Figure 4.1 0. The suction and discharge pressures are used to represent 
the system pressures. 
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Figure 4.10: Suction and discharge pressures 
4.6 P-h Diagram Comparison 
Figure 4.11 shows the reheat system plotted on a P-h diagram for three different 
reheat coil entry temperatures compared against the conventional benchmark cooling 
system. 
The reheat system indeed Jowers the quality of refrigerant at the inlet to the 
evaporator, so increasing the refrigerant enthalpy difference. This is represented by 
the longer evaporator red line from points A to B on the P-h diagrams. As 
hypothesized in Section 3.1, the increase in enthalpy difference will result in a higher 
cooling performance. However, as discussed in Section 4.4, the mass flow rate is 
more dominant than the enthalpy difference in determining the cooling performance. 
The P-h diagram is only able to illustrate the enthalpy difference, but by itself is not 
sufficient to determine the total capacity. 
When the reheat coil entry temperature is 21.0°C, the condenser pressure 
difference between the "cooling only'' system and the "cooling and reheat system" is 
relatively small as compared to reheat coil entry temperatures of33.8°C and 43.0°C. 
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It is interesting to note that as the reheat coil entry temperature increases, the 
condensing temperature for the "cooling and reheat" system reduces. This is because 
of the testing condition where the discharge temperature is maintained at 85°C by 
adjusting the cooling coil EXV. Due to this criterion, the P-h graph appears to shift 
downwards as the reheat coil entry temperature increases. 
Figures 4. I 1 A, 4.11 B and 4.11 C refer to the P-h diagram for reheat coil 
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4.7 System Comparisons 
The proposed evaporator-condenser system is similar to the thermosyphon heat 
exchanger (THX) and desiccant wheel system because of the reheat of air after the 
cooling coils. Therefore, it is appropriate to draw a comparison between the present 
results of the evaporator-condenser system with those of the THX and desiccant 
wheel systems. 
The experimental results of the evaporator-condenser system show that there 
is a drop in cooling performance while improving the moisture removal and lowering 
the relative humidity. The results shown in Table 4.2 follow the trends obtained in the 
experiment using desiccant wheel for humidity control performed by Subramanyam et 
a!. [19) who reported that the COP of the desiccant wheel system was lowered by 5% 
while the moisture removal rate was improved as shown in Figure 4.12. The reason 
for the lower COP is because of the lower cooling performance. Furthermore, an 
experimental study on a THX system by the author [ 45] also shows a similar trend, 
where the COP was reduced by 3.78% using the THX system. The relative humidity 
was lower with the THX system compared to the conventional system as shown in 
Figure 4.13. While all systems are able to improve the moisture removal, the cooling 
performance is invariably poorer. 
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Figure 4.12: Variation of moisture removal capacity with air flow rate 
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Figure 4.13: RH reduction vs fan speed (THX) [44] 
Several advantages are present in the evaporator-condenser system as 
compared to the THX and desiccant wheel systems. The amount of space required to 
install a desiccant wheel system or THX is quite large as compared to the evaporator-
condenser system. This is because the size of the desiccant wheel and the THX are 
both larger compared to just adding a reheat coil to the existing cooling system. 
Furthermore, the use of an EXV to control the refrigerant temperature of the reheat 
coil provides a better method for varying the required amount of moisture removal. 
While it is possible to control the moisture removal rate in desjccant wheel and heat 
pipe systems by means of by-pass air, major modifications have to be made to the 
system layout. The use of the evaporator-condenser system proves advantageous with 
its relative simplicity, ability to control humidity and smaller flopr space required for 
installation. 
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4.8 Chapter Summary 
The results of the V apcyc and Coi!Designer simulation and the experiment were 
presented in this chapter. Comparisons between the simulation and experimental 
results were done and the reasons for the differences were given. Finally, the 
evaporator-condenser system was compared with the THX system and desiccant 
wheel system. A similar trend was observed in all the systems whereby the total 





An experimental study has been performed on an evaporator-condenser system in an 
attempt to enhance air dehumidification using a constant speed compressor and fixed 
air volume. 
The results show that the moisture removal rate usmg the evaporator-
condenser system has improved by 6.3% to 9.9% depending on the reheat coil entry 
temperature of refrigerant. The higher latent heat removal contributes to a higher rate 
of moisture removal. The cooling performance is reduced by 7.90% to 12.98% 
depending on the reheat coil entry temperature of refrigerant. The results are similar 
to those of the thermo syphon heat exchanger system and desiccant wheel system. 
A comparison between the evaporator-condenser, desiccant wheel and loop 
heat pipe systems has been made. While all systems are able to enhance moisture 
removal, the evaporator-condenser system is advantageous in its simplicity, floor 
space and method of controlling the moisture removal rate. 
Generally, the cooling performance will decrease as the reheat coil 
temperature increases. At the same time, the moisture removal is enhanced as the 
reheat coil temperature increases. The .concomitant benefits are a more comfortable 
environment, better productivity and more healthy conditions. 
5.2 Recommendations 
A. The evaporating temperature is an important aspect' in the air conditioning 
system when determining the performance. Therefore; the temperature should 
be maintained by adjusting the EXV opening instead of maintaining the 
discharge temperature. 
B. The available software is not suitable for simulating evaporator-condenser 
systems for humidity control. Further studies should be conducted to produce 
an advanced algorithm to simulate the evaporator-condenser system. 
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APPENDIX A 
CHARGE OPTIMIZING TEST DATA 
Test Mode COOL COOL COOL COOL COOL 
Test Condition STD ISO STD ISO STD ISO STDISO STD ISO 
Refrigerant R4IOA R4IOA R4IOA R4IOA R4IOA 
Charge kg 2.7 2.8 2.9 3.0 3.I 
Thermocouple Readings 
Temperature ID Air Enter DB oc 27.02 27.I2 27.09 27.16 27.04 
Temperature ID Air Enter WB oc I9.03 19.03 I8.94 I8.96 I8.96 
Temperature ID Air Leave DB oc I5.69 I5.53 I5.37 I5.32 I5.I7 
Temperature lD Air Leave WB oc I3.86 I3.70 13.52 I3.45 13.36 
Temperature OD Air Enter DB oc 35.07 35.I3 35.22 35.I6 35.IS 
Temperature 00 Air Enter WB oc 23.9I 23.67 23.72 23.60 23.88 
OD Air Enter Relative Humidity % 36.I2 35.27 35.26 34.45 35.96 
Custom Readings (Temperatures) 
Temp Evaporator In After EXV oc I6.60 I6.20 I5.90 I5.70 I5.60 
Temp Heat In oc 26.60 26.70 26.60 26.70 26.70 
Temp Heat Out oc 26.30 26.30 26.30 26.40 26.20 
System Readings 
Pressure Compressor Suction MPa 0.967 0.960 0.953 0.954 0.95I 
Temperature Compressor Suction oc II.30 I0.70 I0.50 9.60 9.20 
Pressure Compressor Discharge MPa 2.797 2.813 2.828 2.848 2.856 
Temperature Compressor Discharge oc 74.90 75.30 75.60 75.20 75.IO 
Pressure Evaporator Main In MPa 2.624 2.663 2.692 2.724 2.744 
Temp Evaporator Main In oc 42.70 43.30 43.70 44.20 44.50 
Pressure Evaporator Main Out MPa 1.0 I 5 1.006 0.999 0.999 0.996 
Temperature Evaporator Main Out oc 9.00 8.70 8.40 8.30 8.30 
Pressure Condenser Main In MPa 2.795 2.8IS 2.83I 2.850 2.860 
Temperature Condenser Main In "C 72.80 73.50 73.70 73.30 73.30 
Pressure Condenser Main Out MPa 2.734 2.754 2.773 2.794 2.805 
Temperature Condenser Main Out oc 44.80 45.00 45.30 45.50 45.60 
Air Flow Results 
Air Flow Rate m3/hr 2637 2635 2656 2666 2660 
Standard Air Flow Rate m3/hr 2635 2632 2653 2663 2659 
Custom Readings ( Others ) 
PRESS HEAT IN (EXV) MPa 1.158 1.152 1.148 1.154 I. I 54 
PRESS HEAT OUT (CHECK VALVE) MPa 1.158 1.153 1.148 1.154 1.154 
PRESSEVAPORATORIN(EXV) MPa 1.26I 1.249 1.236 1.228 1.225 
Performance 
Entering Air Enthalpy kJ/kg 54.442 54.476 54.202 54.279 54.27 
Leaving Air Enthalpy kJ/kg 39.236 38.83 38.364 38. I85 37.938 
Sensible Heat Removal kW IO.IO I0.32 I0.52 I0.66 I0.67 
Latent Heat Removal - kW 3.I5 3.30 3.38 3.5I 3.69 
Total Capacity kW I3.24 I3.6I I3.89 I4.I7 I4.36 
SHF 0.76 0.76 0.76 0.75 0.74 
Total Power Input kW 4.94 4.98 5.0I 5.03 5.04 
COP W/W 2.68 2.73 2.77 2.82 2.85 
Superheal!Sub-Cooling Results 
Superheat Suction oc 5.16 4.82 4.86 3.94 3.63 
Superheat Evaporator oc 1.27 1.27 1.2 1.1 1.22 
Superheat Discharge "C 28.83 2&.98 29.07 28.35 28.13 
Subcooling "C O.I9 0.3 0.29 0.4I 0.48 
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Test Mode COOL COOL COOL COOL COOL 
rest Condition STD ISO STD ISO STD ISO STD ISO STD ISO 
Refrigerant R410A R4IOA R4IOA R4IOA R4IOA 
Charge kg 3.2 3.3 3.4 3.4 3.5 
Thermocouple Readings 
Temperature ID Air Enter DB oc 27.02 27.00 26.9I 26.95 27.05 
Temperature ID Air Enter WB oc 18.92 19.09 19.03 19.03 I8.97 
Temperature 10 Air Leave DB oc I5.I6 I5.27 I5.20 I5.22 I5.I4 
Temperature ID Air Leave WB oc I3.34 13.49 I3.42 I3.40 13.3I 
Temperature OD Air Enter DB oc 35. I5 35.08 35.09 35.11 35.13 
Temperature OD Air Enter WB oc 24.98 24.51 25.79 25.63 25.12 
OD Air Enter Relative Humidity % 41.21 39.65 46.15 45.01 42.48 
Custom Readings (Temperatures) 
Temperature Evaporator In After EXV oc 15.30 15.70 15.80 14.60 14.20 
Temperature Heat In oc 26.50 26.60 26.50 26.50 26.50 
Temperature Heat Out oc 26.10 13.80 14.20 14.20 13.90 
System Readings 
Pressure Compressor Suction MPa 0.943 0.949 0.954 0.931 0.927 
Temperature Compressor Suction oc 10.50 10.10 8.90 I 3.30 13.00 
Pressure Compressor Discharge MPa 2.852 2.843 2.850 2.833 2.852 
Temperature Compressor Discharge oc 76.60 75.70 75.30 80.20 80.30 
Pressure Evaporator Main In MPa 2.745 2.725 2.732 2.741 2.768 
Temperature Evaporator Main In oc 44.60 44.20 44.40 44.50 44.70 
Pressure Evaporator Main Out MPa 0.989 0.994 1.000 0.976 0.971 
Temperature Evaporator Main Out 'C 8.10· 8.20 8.30 9.90 8.70 
Pressure Condenser Main In MPa 2.854 2.845 2.851 2.843 2.863 
Temperature Condenser Main In oc 74.60 73.80 72.60 78.30 78.30 
Pressure Condenser Main Out MPa 2.799 2.790 2.794 2.788 2.807 
Temperature Condenser Main Out oc 45.30 45.40 45.50 45.10 44.90 
Air Flow Results 
Air Flow Rate m3/hr 2686 2667 2649 2655 2644 
Standard Air Flow Rate m3/hr 2694 2678 2653 2659 2648 
Custom Readings (Others) 
PRESS HEAT IN (EXV) MPa 1.151 1.167 I. I 75 1.182 1.178 
PRESS HEAT OUT (CHECK VALVE) MPa 1.151 1.167 1.176 1.182 1.178 
PRESS EVAPORATOR IN (EXV) MPa 1.211 1.226 1.229 1.189 1.158 
Performance 
Entering Air Enthalpy kJ/kg 54.005 54.532 54.421 54.445 54.254 
Leaving Air Enthalpy k.J/kg 37.793 38.167 38.039 38.002 37.771 
Sensible Heat Removal kW 10.80 10.62 10.51 10.55 10.66 
Latent Heat Removal kW 3.64 3.87 3.87 3.91 3.77 
Total Capacity kW 14.44 14.49 14.37 14.46 14.43 
SHF 0.75 0.73 0.73 0.73 0.74 
Total Power Input kW 5.05 5.02 5.02 5.00 5.03 
COP W/W 2.86 2.88 2.86 2.89 2.87 
Superheat!Sub~Cooling Results 
Superheat Suction 'C 5.18 4.59 3.23 8.42 8.27 
Superheat Evaporator 'C 1.23 1.17 1.07 3.48 2.45 
Superheat Discharge 'C 29.69 28.92 28.43 33.58 33.39 
Subcooling oc 0.69 0.45 0.42 0.71 1.21 
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Test Mode COOL COOL COOL COOL COOL 
Test Condition STD ISO STD ISO STD ISO STD ISO STD ISO 
Refrigerant R4IOA R4IOA R4IOA R4IOA R410A 
Charge kg 3.6 3.7 3.8 3.9 4.0 
Thermocouple Readings 
Temperature lD Air Enter DB "C 27.04 26.94 26.95 27.03 27.05 
Temperature ID Air Enter Wil "C 18.90 I9.09 19.11 18.86 18.83 
Temperature lD Air Leave DB "C 14.88 I5.00 I5.05 14.78 14.74 
Temperature ID Air Leave WB "C 13.14 13.30 13.35 13.00 12.96 
Temperature OD Air Enter DB "C 35.04 35.07 35.00 35.01 34.95 
-
Temperature OD Air Enter WB "C 23.36 25.37 24.98 24.29 23.IO 
OD Air Enter Relative I lumidity % 36.05 36.56 42.79 38.77 33.67 
Custom Readings (Temperatures) 
Temperature Evaporator In After EXV oc 13.60 13.60 13.90 14.00 13.80 
Temperature Heat In oc 26.30 26.10 26.20 26.20 26.IO 
Temperature Heat Out oc 25.80 13.70 I4.30 14.10 13.70 
System Readings 
Pressure Compressor Suction MPa 0.917 0.93I 0.929 0.928 0.927 
Temperature Compressor Suction "C 12.80 11.20 I2.10 10.30 10.00 
Pressure Compressor Discharge MPa 2.892 2.889 2.898 2.902 2.908 
Temperature Compressor Discharge oc 81.70 80.20 82.00 79.80 79.70 
Pressure Evaporator Main In MPa 2.807 2.800 2.812 2.813 2.818 
Temperature Evaporator Main In "C 41.90 42.60 41.70 41.90 41.20 
Pressure Evaporator Main Out MPa 0.959 0.974 0.97I 0.971 • 0.969 
Temperature Evaporator Main Out oc 8.90 7.80 8.40 7.70 7.60 
Pressure Condenser Main In MPa 2.903 2.899 2.909 2.910 2.916 
Temperature Condenser Main In oc 79.30 77.90 79.60 77.50 77.30 
Pressure Condenser Main Out MPa 2.849 2.843 2.854 2.857 2.863 
Temperature Condenser Main Out oc 42.30 43.00 42.30 42.30 41.70 
Air Flow Results 
Air Flow Rate m3/hr 2636 2615 2646 2649 2632 
Standard Air Flow Rate m3/hr 2646 2623 2649 2654 2640 
Custom Readings ( Others ) . 
PRESS HEAT IN (EXV) MPa Ll28 1.164 1.169 1.165 l.I59 
PRESS HEAT OUT (CHECK VALVE) MPa Ll29 1.164 1.169 1.165 1.159 
PRESS EVAPORATOR IN (EXV) MPa 1.156 1.178 1.165 1.168 . 1.165 
Performance 
Entering Air Enthalpy kJ/kg 53.962 54.595 54.711 53.915 . 53.791 
Leaving Air Enthalpy kJ/kg 37.283 37.706 37.872 36.971 36.85 
Sensible Heat Removal kW 10.88 I0.59 I0.66 I0.99 10.98 
Latent Heat Removal kW 3.72 4.06 4.09 3.88 3.80 
Total Capacity kW I4.59 14.65 I4.75 14.87 14.79 
SHF 0.75 0.72 0.72 0.74 0.74 
Total Power Input kW 5.10 5.I6 5.18 5.I8, 5.18 
COP W!W 2.86 2.84 2.85 2.87; 2.85 
Superheat/Sub-Cooling Results 
Superheat Suction "C 8.4 6.32 7.3 5.52 5.27 
Superheat Evaporator oc 3.04 I.42 2.I4 1.45 1.39 
Superheat Discharge oc 34.I9 32.74 34.41 32.15 31.97 
Subcooling oc 4.45 3.65 4.52 4.57 5.25 
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Test Mode COOL COOL COOL COOL 
Test Condition STDISO STD ISO STD ISO STD ISO 
Refrigerant R4IOA R4IOA R4IOA R4IOA 
Charge kg 4.I 4.2 4.3 4.4 
The[Qlocouple Readings 
Temperature 10 Air Enter DB oc 27.05 27.04 27.03 27.02 
Temperature ID Air Enter WB oc I8.94 I8.96 I9.08 I8.87 
Temperature ID Air Leave DB oc I4.94 I4.94 I4.99 I4.75 
Temperature ID Air Leave WB oc I3.I8 13.20 I3.28 I2.99 
Temperature OD Air Enter DB oc 34.98 34.99 34.98 35.03 
Temperature OD Air Enter WB oc 23.23 23.97 26.03 25.56 
00 Air Enter Relative Humidity % 34.29 37.65 47.35 42.IO 
Custom Readings (Temperatures) 
Temperature Evaporator In Aller EXV oc I2.60 I2.80 I2.80 I2.60 
Temperature Heat In oc 26.20 26.10 26.IO 25.90 
Temperature Heat Out oc I4.20 I4.20 I4.50 I4.30 
System Readings 
Pressure Compressor Suction MPa 0.904 0.9II 0.9I6 0.913 
Temperature Compressor Suction oc 14.IO 13.60 I3.50 I2.60 
Pressure Compressor Discharge MPa 2.909 2.929 2.956 2.972 
Temperature Compressor Discharge oc 85.40 85.50 85.50 85.IO 
Pressure Evaporator Main In MPa 2.830 2.849 2.876 2.892 
Temperature Evaporator Main In oc 40.30 39.90 39.60 39.70 
Pressure Evaporator Main Out MPa 0.946 0.953 0.957 0.954 
Temperature Evaporator Main Out oc 11.70 10.70 10.70 8.90 
Pressure Condenser Main In MPa 2.923 2.946 2.972 2.987 
Temperature Condenser Main In oc 82.90 83.00 82.90 82.50 
Pressure Condenser Main Out MPa 2.870 2.890 2.918 2.934 
Temperature Condenser Main Out oc 40.70 40.40 40.IIl 40.IO 
Air Flow Results 
Air Flow Rate mJ/hr 2649 2628 2631 2621 
Standard Air Flow Rate 111 3/hr 2656 2637 2639 2632 
Custom Readings (Others) 
PRESS HEAT IN (EXV) MPa 1.175 1.176 1.187 1.176 
PRESS HF.A TOUT (CHECK VALVE) MPa 1.175 1.176 1.186 1.176 
PRESSEVAPORATORIN(EXV) MPa 1.129 1.133 1.139 1.136 
Performance 
Entering Air Enthalpy kllkg 54.13 54.I6 54.559 53.864 
Leaving Air Enthalpy kllkg 37.4I2 37.441 37.653 36.888 
Sensible Heat Removal kW 10.87 I0.79 I0.75 I0.92 
Latent Heat Removal kW 3.81 3.79 4.01 3.86 
Total Capacity kW 14.68 14.58 14.75 14.78 
SHF 0.74 0.74 0.73 0.74 
Total Power Input kW 5.20 5.24 5.28 5.30 
COP W/W 2.82 2.78 2.79 2.79 
Superheat/Sub-Cooling Results 
Superheat Suction oc IO.I7 9.42 9.I5 8.35 
Superheat Evaporator oc 6.29 5.05 4.9I 3.23 
Superheat Discharge oc 37.65 37.45 37.05 36.42 
Subcooling oc 6.36 6.97 7.68 7.9I 
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APPENDIXB 
VAPCYC BALANCING FOR YCC60C VS YSL61C 
Component: Evaporator-! 
Inlet/Outlet Conditions 
Port I Enthalpy kJ/kg 276.3 
Port I Pressure MPa 1.152 
Port I Temperature K 285.11 
Port I Sat. Delta K 0.00 
Port I Quality - 0.274 
Port I Massflow Rate kg/s 0.099 
Port 2 Enthalpy kJ/kg 432.1 
Port 2 Pressure MPa 0.9493 
Port 2 Temperature K 285.71 
Port 2 Sat. Delta K 7.00 
Port 2 Quality --- 1.04 
Port 2 Mass flow Rate kg/s 0.099 
Charge kg 0.12 
Percent Charge % 0.05 
Performance Variables 
Heat Out kW -15.47 
Work Out kW 0.00 
Power Consumption kW 0.00 
Component Cost 35.26 
Component In nuts 
Tube Length m 1.35 
Tube Vertical Spacing m 0.02 
Bank Horizontal Spacing m 0.01 
Fins Per Inch I/ in 20.00 
Average Air Velocity m/s 1.68 
Average Air Inlet Temperature K 300.15 
Average Air Inlet RH % 47.00 
Component Output 
Simple Cost $ 35.26 
Sensible Heat Load kW 12.71 
Latent Heat Load kW 2.677 
Sensible Heat Ratio - 0.83 
Avg. Air Outlet Temperature K 286.06 
Avg. Air Outlet Wetbulb Temperature K 286.03 
Avg. Air Outlet RH % 99.73 
Air Side Pressure Drop Pa 54.22 
Saturation Temperature DP K 6.48 
Ref. Side Pressure Drop MPa 0.20 
Total Material Volume m' 0.00 
HX Face Area m' 0.45 
HX Condensate kg/s 0.00 
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APPENDIXC 
REHEAT COIL TEST DATA 
Test Mode COOL COOL COOL COOL 
Test Condition STDISO STD ISO STD ISO STD ISO 
Refrigerant R4IOA R410A R410A R4IOA 
Charge kg 3.9 3.9 3.9 3.9 
Thermocouple Readings 
Temperature ID Air Enter DB oc 27.08 27.0I 27.08 27.08 
Temperature ID Air Enter WB oc I9.16 18.90 I8.97 I8.99 
Temperature ID Air Leave DB oc 15.02 I6.80 I8.I9 I8.46 
Temperature lD Air Leave WB oc 13.30 13.45 I3.73 13.82 
Temperature OD Air Enter DB oc 35.I I 35.09 35.00 35.I I 
Temperature OD Air Enter WB oc 26.I8 24.37 23.59 24.41 
OD Air Enter Relative Humidity % 47.74 42.98 36.15 40.00 
Custom Readings (Temperatures) 
Temperature Evaporator In After EXV oc 13.50 I 1.60 8.53 8.34 
Temperature Heat In oc No Reheat 21.00 33.80 42.99 
Temperature Heat Out oc No Reheat I7.IO 16.80 16.89 
System Readings 
Pressure Compressor Suction MPa 0.93 0.90 0.87 0.86 
Temperature Compressor Suction oc I2.60 I 1.40 13.07 I3.59 
Pressure Compressor Discharge MPa 2.99 2.90 2.77 2.77 
Temperature Compressor Discharge oc 84.60 85.13 85.67 85.79 
Pressure Evaporator Main In MPa . 2.90 2.82 . 2.70 2.69 
Temperature Evaporator Main In oc 39.87 40.73 44.03 43.74 
Pressure Evaporator Main Out MPa 0.97 0.94 0.91 0.90 
Temperature Evaporator Main Out oc 8.37 7.20 9.90 10.50 
Pressure Condenser Main In MPa 3.00 2.92 2.79 2.79 
Temperature Condenser Main In oc 82.07 82.40 82.90 83.14 
Pressure Condenser Main Out MPa 2.95 2.86 2.74 2.73 
Temperature Condenser Main Out oc 40.40 41.23 44.30 44.50 
Air Flow Results 
Air Flow Rate m3/hr 2644 2636 2607 2612 
Standard Air Flow Rate m3/hr 2645 2632 2581 2588 
Custom Readings (Others) 
PRESS HEAT IN (EXV) MPa 1.13 1.47 I 2.09 2.65 
PRESS HEAT OUT (CHECK VALVE) MPa 1.13 1.32 2.03 2.6I 
PRESS EVAPORATOR IN (EXV) MPa 1.16 1.08 ' 1.0 I 1.00 
Perfol'mance 
Entering Air Enthalpy kJ/kg 54.91 53.96 54.29 54.32 
Leaving Air Enthalpy kJ/kg 37.76 37.71 38.97 39.04 
Sensible Heat Removal kW I0.79 9.42 7.75 7.54 
Latent Heat Removal kW 4.26 4.44 5.48 5.55 
Total Capacity kW I5.05 13.86 13.23 13.09 
SHF 0.72 0.67 ' 0.59 0.58 
Total Power Input kW 5.34 5.36 5.14 5.1 I 
COP W/W 2.82 . 2.59 2.57 2.56 
Superheat/Sub-Cooling Results 
Superheat Suction oc 7.8 7.68 10.5 I 1.08 
Superheat Evaporator oc 2.13 2.12 ' 5.92 6.59 
Superheat Discharge oc 35.72 37.5 39.94 40.15 
Subcooling oc 7.79 5.72 • 0.72 0.43 
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APPENDIXD 
REFRIGERANT MASS FLOW RATE AT DIFFERENT CONDITIONS 
Entering Reheat Coil Temp oc No Reheat 21.0 33.8 43.0 
Condenser Out 
Temperature oc 40.4 41.23 44.3 44.5 
Pressure MPa 2.95 2.86 2.74 2.73 
Enthalpy kJ/kg 266.44 268.13 274.40 274.82 
Evaporator Out 
Temperature oc 8.37 7.20 9.90 10.50 
Pressure MPa 0.97 0.94 0.91 0.90 
Enthalpy kJ/kg 425.52 425.19 429.12 429.83 
Enthalpy Difference kJ/kg 159.08 157.06 154.72 155.02 
Performance 
Air Side kW 15.05 13.86 13.23 13.09 
Refrigerant Side kW 15.80 14.55 13.89 13.75 
Mass Flow Rate kg/hr 357.57 333.56 323.23 319.31 
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APPENDIXE 
LIST OF EQUATIONS 
No Equation 
3 - I hair= l.006xDB+W(2501+1.86>rDB) 
3-2 Qtotal, air= rilair X { hair,inlet -hair,outlet) 
3-3 pcomp = rilref X L'lhcomp 
' 
3-4 f!hcomp = hcomp,outlet - hcomp,inlet 
3- 5 COP= Qtotal,~ 
pcomp 
3- 6 COP= Qtotal,~ ptotal ' 
3-7 ptotal = pcomp + pfan 
' 4 - 1 Q total,air = Q total, ref XTJ 
4-2 Orer = mrer x~hrer,evap 
4-3 llhref,evap =_hevap,outlct- hevap,inlet 
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